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H I G H L I G H T S  G R A P H I C A L  A B S T R A C T  

• All-wheel steering enables more diverse 
driving modes. 

• Rational steering intention interpreta
tion reduces driving workload. 

• Considering driver input dynamics im
proves vehicle response. 

• Tire slip state analysis enhances multi- 
actuator coordination efficiency. 

• Efficient actuator coordination extends 
vehicle stability boundaries. 
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A B S T R A C T

To address the challenge of efficient actuator coordination in all-wheel steering and driving vehicles, this paper 
proposes a global coordinated control framework based on tire slip state assessment. First, a hybrid feedforward 
control method comprising steady-state control, dynamic compensation, and oblique steering compensation is 
proposed to respond rapidly to the driver's demands under various driving conditions. Then, considering 
different steering modes of four-wheel steering vehicles, a driver intention interpretation method that integrates 
conventional steering and oblique steering is developed. Subsequently, a sliding mode control algorithm is 
utilized to track the driver's desired motion states, improving the vehicle's robustness against system distur
bances. Moreover, taking lateral acceleration and yaw rate as inputs, a coordinated strategy for the four-wheel 
steering angles and driving torques is established based on tire slip state assessment. Finally, hardware-in-the- 
loop test results show that, compared to the model predictive control (MPC) algorithm, the proposed control 
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scheme increases the maximum speed in double lane-change maneuvers by 13%, significantly improving the 
vehicle handling performance under different driving conditions.

1. Introduction

Automobile electrification has emerged as a globally recognized 
solution to mitigate global warming effects [1–4]. Electric vehicles 
equipped with four-wheel steering and four-wheel driving (4WS-4WD) 
systems can significantly enhance safety, stability, and maneuverability 
through the coordinated control of the driving torques and steering 
angles of all wheels. However, 4WS-4WD electric vehicles also bring 
formidible challenges. First, 4WS-4WD electric vehicles offer a variety of 
steering modes, including conventional, oblique, and zero-radius steer
ing. To accommodate diverse driver needs, it is essential to establish an 
effective driver intention interpretation method that offers a compre
hensive understanding of the relationship between steering input and 
vehicle motion. On this basis, how to further coordinate 4WS and 4WD 
systems to enhance the overall vehicle performance is also a research 
focus. It has garnered significant attention from both academia and in
dustrial practitioners.

Existing research on driver intention interpretation for 4WS-4WD 
electric vehicles falls into two categories. The first category ensures 
consistency with front-wheel steering (FWS) vehicles by interpreting 
driver intentions based on FWS models [5,6]. For example, Liang [6] 
et al. derived desired motion states from an FWS model, using 
rear-wheel steering (RWS) and four-wheel steering to enhance stability. 
However, the approach overlooks lateral force response benefits brought 
by RWS [7]. The second approach sets vehicle sideslip angle to zero and 
derives desired yaw rates and feedforward wheel angles to exploit the 
maneuverability and stability of 4WS vehicles [8]. On this regard, Zhang 
[9] et al. calculated the desired yaw rate using a bicycle model, while 
Loyola [10] et al. proposed a variable wheelbase reference model to 
improve tracking accuracy. However, these studies only focus on con
ventional steering modes but neglect special modes such as oblique and 
zero-radius steering. Additionally, the existing mode-switching mecha
nisms are only limited to stationary or straight-line driving conditions 
[11], and fail to fully exploit 4WS vehicle performance during emer
gency maneuvers.

For efficient 4WS-4WD coordination, two primary challenges still 
exist: (1) the coupling effect between the longitudinal and lateral tire 
forces subject to the tire adhesion ellipse, and (2) the conflicting control 
objectives between the four-wheel steering and four-wheel driving sys
tems. Current chassis coordinated control methods can be broadly 
categorized into integrated control [12–15] and hierarchical coordi
nated control [16–18]. The integrated control method incorporates all 
control variables into a single model and achieves actuator coordination 
by optimizing objective weights. For instance, Liu [19] et al. proposed a 
nonlinear model predictive control (NMPC)-based controller to optimize 
vehicle yaw moment and lateral force distribution. However, it involves 
solving high-dimensional equations, resulting in high computational 
burden. Additionally, the reliance on inverse tire models for steering 
angle derivation makes it susceptible to signal noises.

In contrast, hierarchical coordinated control strategies allocate 
optimal weighting coefficients to individual actuators to achieve effi
cient coordination. Two predominant approaches are phase-plane-based 
[20–23] and tire-force-based methods [24–26]. Phase-plane-based 
methods analyze vehicle dynamics using β_ _β [20] or β_ωr [27,28] 
phase trajectories under varying initial conditions to define vehicle 
stability states and guide actuator weight distribution. For example, 
Wang [23] et al. used support vector machines to partition the β_ _β phase 
plane into classical, extended, and unstable regions, applying active 
front steering (AFS) and direct yaw-moment control (DYC) accordingly. 
However, such methods often require extensive calibration, thus 
limiting their practicality. Conversely, tire-force-based methods 

estimate longitudinal and lateral tire forces to determine vehicle sta
bility states and design control schemes. For example, Ding [29] et al. 
categorized tire forces into linear, transition, and saturation zones, 
applying AFS and DYC accordingly. Nevertheless, these approaches do 
not fully exploit the potential of integrated 4WS-4WD systems under 
extreme driving conditions.

To address the limitations of existing approaches, this study proposes 
a global coordinated control framework based on tire slip state assess
ment. First, a hybrid feedforward control strategy is developed, inte
grating steady-state control, dynamic compensation, and oblique 
steering compensation. Second, a driver intention interpretation strat
egy for conventional and oblique steering modes is established using a 
kinematic model. Third, a sliding mode control (SMC) algorithm is 
designed to compute the required corrective yaw moment. Fourth, a 
weight distribution mechanism for the front- and rear-wheel steering 
angles and individual wheel driving torques is formulated based on 
vehicle state information, such as lateral acceleration and yaw rate. A 
torque optimization method for the four-wheel drive system is proposed 
to minimize both the tire slip ratio and the tracking errors of the control 
variables. Finally, the effectiveness of the proposed scheme is validated 
through comprehensive Hardware-in-the-Loop tests. The main contri
butions of this study are summarized as follows: 

• A hierarchical hybrid control architecture is proposed, integrating 
dynamic compensation and oblique steering compensation. Unlike 
conventional hierarchical structures, the framework incorporates 
dynamic compensation to improve transient response, while the 
oblique steering compensation is used to improve vehicle stability 
under extreme operating conditions.

• A multi-mode steering intention interpretation method is proposed. 
In contrast to conventional quasi-steady-state approaches, the pro
posed method utilizes a kinematic model to interpret desired vehicle 
motion for both conventional and oblique steering modes, while 
integrating a dynamic model to ensure stability and effectively 
alleviate driver workload.

• A chassis coordinated control strategy based on tire slip state 
assessment is introduced. Different from conventional phase-plane- 
based coordination methods, the proposed strategy accounts for 
varying control characteristics across different tire operating states, 
enabling efficient coordination between the steering and driving 
systems.

The remainder of this paper is organized as follows: Section 2 in
troduces the vehicle modeling. Section 3 elaborates on the proposed 
coordinated control architecture based on tire slip state assessment. 
Section 4 presents the HIL verification results, and key conclusions are 
summarized in Section 5.

2. Vehicle model

2.1. 2-DOF vehicle model

As shown in Fig. 1, a 2-DOF vehicle model is used to describe vehicle 
lateral and yaw motions, which is given by 

_β =
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mvx
β +

(
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where kf and kr are the ideal cornering stiffnesses of the front and rear 
axles; a and b are the horizontal distances from the front and rear axles to 
the vehicle's center of gravity (CoG); m is the vehicle mass; vx is the 
vehicle longitudinal velocity; β is the vehicle sideslip angle; ωr is the 
vehicle yaw rate; Iz is the moment of inertia along the z-axis; δf and δr are 
the steering angles of the front and rear wheels. It can be reformulated as 

_x = A0x + B0δt (2) 

where A0 =

⎡

⎢
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; x =

[
β
ωr

]

; δt =

[
δtf
δtr

]

is the actual steering angle.

2.2. Vehicle kinematics model

Traditional driver intention interpretation primarily relies on vehicle 
dynamics models to infer driver intentions, without analyzing vehicle 
motion from the driver's perspective. This approach often results in 
discrepancies between the driver's intentions and the vehicle's optimal 
motion state. To address this issue, this study employs a kinematic 
model to interpret driver intentions by analyzing the mapping rela
tionship between the steering angles of the front and rear wheels and the 
vehicle's cornering radius. As shown in Fig. 2, for the triangles OCA and 
OCB, we have [30] 

sin
(
δf − β

)

a
=

sin
(
π
/

2 − δf
)

R
(3) 

sin(β − δr)

b
=

sin(π=2 + δr)

R
(4) 

where R is the vehicle's cornering radius.
Simplify Eqs. (3) and (4) and we get 

(
tanδf − tanδr

)
cos β = (a + b)

/
R (5) 

The cornering radius is given by 

R =
(a + b)

(
tanδf − tanδr

)
cos β

(6) 

Furthermore, the driver's desired yaw rate is obtained by 

ωrd =
vx

R
=

vx
(
tanδf − tanδr

)
cos(β)

a + b
(7) 

The front-wheel steering angle is determined by 

δf = δsw
/

iw (8) 

where δsw is the wheel steering angle; iw is the steering ratio from the 
steering wheel to the front wheels. The variable steering ratio is given by 
[9] 

iw =

⎧
⎪⎪⎨

⎪⎪⎩

8:5 vx ∈ [0; 40 km=h]&iwr < 8:5s− 1
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(9) 

iwr =
vx=Gwr

1 + mbv2
x

/(
2(a + b)akf

) (10) 

χ = (imax − imin)

/(

1 + exp
(

−
vx − (v2 + v1)=2

1:3

))

+ imin (11) 

where ifixed is the fixed steering ratio set to be 21.5; iwr is a fixed yaw rate 
gain-based variable steering ratio; χ is the steering ratio weighting co
efficient; imin and imax are the maximum and minimum steering ratios in 
the transition zone that are set to be 18.55 and 21.5; Gwr is the yaw rate 
gain set to be 0.24 s− 1; v1 and v2 are the vehicle longitudinal velocities 
corresponding to the endpoints of the transition zone [40 km/h, 90 km/ 
h].

3. The proposed coordinated control architecture based on tire 
slip state assessment

To improve the extreme obstacle avoidance capability of four-wheel 
steering and four-wheel drive vehicles while reducing the driver's 
workload, this study proposes a combined feedforward and feedback 
control framework to coordinate four-wheel steering angles and driving 
torques. First, a hybrid feedforward control method is developed, inte
grating the steady-state control, dynamic compensation, and oblique 
steering compensation to address varying control requirements under 
different operating conditions. Then a kinematic model-based driver 
intention interpretation method is established to provide the desired 
motion state. Furthermore, a sliding mode control algorithm is 
employed to track the desired vehicle motion state. Finally, a coordi
nated control strategy is designed based on lateral acceleration and yaw 
rate signals. The schematic of the proposed control scheme is illustrated 
in Fig. 3.

Fig. 1. The 2-DOF vehicle model.

Fig. 2. The vehicle kinematics model.
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3.1. Hybrid feedforward controller design

Considering the constraints of the maximum yaw rate and road 
adhesion, a hybrid feedforward control scheme is developed by inte
grating the steady-state control, dynamic compensation, and oblique 
steering compensation.

3.1.1. Steady-state control
Steady-state control refers to the steady-state dynamics equation of 

the 2-DOF vehicle, which is given by 

0 = A0x + B0us (12) 

where us =
[

δf_s; δr_s
]T is the steering angle of the front and rear wheels 

under steady-state conditions, which can be calculated by 

δf_s = δf

δr_s = −
(a + b)bkfkr + akfmv2

x

a(a + b)kfkr − bkrmv2
x
δf

(13) 

3.1.2. Dynamic compensation control
During vehicular operation, the driver's desired state varies contin

uously with time. The yaw rate obtained from the steady-state theory is 
insufficient to fully capture the driver's dynamic maneuvers. To address 
this limitation, a dynamic compensation mechanism is introduced to 
enhance time-varying reference state tracking accuracy. It should be 
noted that the following assumptions are made: 1) To ensure that the 
vehicle's velocity direction remains aligned with its heading and to 
maximize the utilization of available tire forces, the desired sideslip 
angle is set to zero, which means β = 0 and _β = 0; 2) As this study fo
cuses on extreme operating conditions involving large steering angles, 
the variation in the longitudinal velocity is much slower than the lateral 
dynamics. Therefore, the longitudinal vehicle velocity is assumed to 
remain constant.

Taking the front-wheel steering angle rate as the input, the change of 
the desired motion states can be expressed as 

_β = 0

_ωrd =
vx

_R
=

vx
(

_δf
/(

cos2δf
)
− _δr

/
(cos2δr)

)

a + b

(14) 

_δr = −
(a + b)bkfkr + akfmv2

x

a(a + b)kfkr − bkrmv2
x

_δf (15) 

Introduce the dynamic compensation control entity udc =
[

δf_dc; δr_dc
]T such that it satisfies 

_x = A0x + B0(us + udc) (16) 

Based on the desired change rate of yaw rate, the dynamic 
compensation for the vehicle is derived by 

δf_dc =
Iz

(a + b)kf
_ωrd

δr_dc = −
Iz

(a + b)kr
_ωrd

(17) 

3.1.3. Oblique steering compensation
Considering the road adhesion limit, the maximum ideal yaw rate is 

expressed as [31] 

ωr_max = 0:85μg*sgn
(
δf
)/

vx (18) 

where g is the acceleration of gravity.
The maximum front-wheel steering angle permitted by the road 

surface adhesion is 

Fig. 3. The schematic of the proposed coordinated control framework.
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δf_max =
a(a + b)kfkr − bkrmv2

x(
a2 − b2

)
kfkr −

(
akf + bkr

)
mv2

x

(a + b)
vx

ωr_max (19) 

When the front-wheel steering angle exceeds the maximum limit 
imposed by road adhesion, an oblique steering compensation strategy is 
employed. The compensation steering angles for the front and rear 
wheels are given by 

δf_oc = δr_oc = δf − δf_max (20) 

3.1.4. Hybrid feedforward control
In the feedforward control, the steady-state control module primarily 

responds to the driver's inputs. In contrast, the dynamic compensation 
control module addresses the dynamic variations in the vehicle's desired 
motion state and is primarily active within the vehicle's stability region. 
Additionally, the oblique steering compensation control module is 
designed to enhance vehicle stability and activates when the vehicle's 
motion state exceeds the road adhesion limit. To optimize the perfor
mance of each feedforward control module, this study proposes a hybrid 
feedforward control strategy. The core principle involves designing 
weighting coefficients for the dynamic compensation and oblique 
steering compensation based on the desired yaw rate, and subsequently 
generating the feedforward wheel angles using these weighting 
coefficients.

When the steering wheel angle exceeds the maximum limit permitted 
by road adhesion, the vehicle's yaw motion approaches the stability 
boundaries. At this stage, the control objective transitions from dynamic 

response regulation to stability maintenance. Consequently, the control 
system switches from the dynamic compensation module to the oblique 
steering compensation module. To ensure a smooth transition between 
the compensation modes, a smooth switching function is designed as 

η1 =
1 − tanh(abs(ωrd − ωr_tran)=(ωr_tran)ρ1 )

2
(21) 

where tanh(.) is the hyperbolic tangent function; ωr_tran is the control 
boundary of the yaw rate; ρ1 is the correction factor for adjusting the 
control weights.

Under the oblique steering compensation module, the yaw rate de
creases rapidly, resulting in compromised steering performance. This 
prompts the driver to apply a larger steering wheel angle, thereby 
increasing the driver's burden. To maintain superior steering perfor
mance, the oblique steering compensation module should not remain 
engaged for an extended period. This study utilizes the yaw rate infor
mation to limit the oblique steering compensation control duration. In 
particular, the module is deactivated when the vehicle's actual yaw rate 
falls below 90% of its maximum value. To prevent abrupt changes in the 
wheel steering angles, a hyperbolic tangent function is employed to 
ensure a smooth exit process, which is given by 

η2 =

⎧
⎪⎪⎨

⎪⎪⎩

0:5 − 0:5tanh
(
|0:9ωr_tran − ωr|

ωr_tranρ2

)

if ωrd > ωr_tran;

0 if ωrd ≤ ωr_tran:

(22) 

Fig. 4. The graph of vehicle performance variation with feedforward control parameters changes. (a) sideslip angle with ωr_tran and ρ1 (μ=0.35); (b) yaw rate error 
with ωr_tran and ρ1 (μ=0.35); (c) sideslip angle with ωr_tran and ρ1 (μ=0.85); (d)yaw rate error with ωr_tran and ρ1 (μ=0.85); (e) sideslip angle with ρ1 and ρ2 (μ=0.35); 
(f)yaw rate error with ρ1 and ρ2 (μ=0.35); (g) sideslip angle with ρ1 and ρ2 (μ=0.85); (h)yaw rate error with ρ1 and ρ2 (μ=0.85).
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where ρ2 is the smooth weight coefficient for the exit process of the 
oblique condition, which is set to 100. In summary, the feedforward 
front and rear wheel steering angles are derived as 

δf1 = η1δf_dc + η2δf_oc + δf_s
δr1 = η1δr_dc + η2δr_oc + δr_s

(23) 

According to Equations (21) and (22), the parameter ωr_tran de
termines the switching timing between the dynamic compensation and 
oblique steering compensation. ρ1 and ρ2 are used to regulate the 
switching rate of the feedforward control between these two modes. As 
shown in Fig.4a–b, the vehicle has a higher demand for stability due to 
the limited tire force margin under low-adhesion conditions. As ωr_tran 
increases, the feedforward control switches later to the oblique steering 
compensation mode, leading to larger sideslip angles and greater yaw 
rate tracking errors. Under high-speed conditions ((Fig.4c–d)), rapid 
response to driver's input is more important. A smaller ωr_tran keeps the 
controller longer in the dynamic compensation mode, thereby 
improving the driver's steering intention tracking accuracy. The effects 
of ρ1 and ρ2 are illustrated in Fig.4e–h. Within a reasonable range, their 
impact on control performance is limited. However, when either of the 
two parameters is too small, the control performance would be 
remarkably compromised. If ρ1 is too small, the controller will be 
dominated by the dynamic compensation mode and cannot fully switch 
to the oblique steering compensation mode under extreme conditions. If 
ρ2 is too small, the controller cannot exit the oblique steering compen
sation mode in time, resulting in degraded tracking performance. In a 
nutshell, although the feedforward parameters influence the high- and 
low-adhesion conditions differently, there exists an overlapping 
parameter range that ensures satisfactory control performance in both 
scenarios.

3.2. State error feedback controller design

To further enhance vehicle performance, eliminate tracking errors, 
and improve robustness against external disturbances and model 
parameter uncertainties, a closed-loop error feedback controller is 
designed based on the sliding mode control algorithm.

3.2.1. Driver intention interpretation
In the feedforward control, this study employs a hybrid feedforward 

control strategy that integrates the steady-state control, dynamic 
compensation, and oblique steering compensation to address the driver's 
diverse intentions. The dynamic compensation module is utilized to 
account for the driver intentions. Consequently, in the driver intention 
interpretation, this study focuses on the impacts of the conventional 
steering and oblique steering compensation on the ideal vehicle motion 
state. The desired vehicle motion state under conventional steering 
conditions can be determined using Equation (7). However, when the 
vehicle operates under the oblique steering compensation module, the 
desired sideslip angle deviates from zero, as the front and rear wheels 
are compensated for with identical steering angles. By substituting 
Equations (13) and (20) into the vehicle dynamics Equation (2), we 
derive the simplified expression as 

_x = A0x + B0(us + uoc) (24) 

where uoc =
[

δf_oc; δr_oc
]T.

Then the desired state under the oblique steering compensation 
module can be derived as 

βd = δf_oc = δr_oc
ωrd = ωr_max

(25) 

Furthermore, considering the road adhesion limit, the reference 
vehicle state is corrected as [32] 

βref = min(βd; arctan(0:02μg) )
ωr_ref = min(ωrd;ωr_max )

(26) 

The driver's desired vehicle motion state during the vehicle cornering 
process can be interpreted as 

βref =

{
0 δf ≤ δf_max

min
(
δf − δf_max ; arctan(0:02μg)

)
δf > δf_max

ωr_ref =

{
ωrd δf ≤ δf_max

ωr_max δf > δf_max

(27) 

3.2.2. Closed-loop system error feedback controller design
The system tracking error is defined as e = [βe;ωre]

T
=

[
β − βref ;ωr − ωr_ref

]T
. The discrete state error equation of the closed- 

loop system becomes 

e(k + 1) = Ae(k) + Bue(k) (28) 

where A =

⎡

⎢
⎢
⎢
⎢
⎣

kf + kr

mvx
Ts + 1

(
akf − bkr

mv2
x

− 1
)

Ts

akf − bkr

Iz
Ts

a2kf + b2kr

Izvx
Ts + 1

⎤

⎥
⎥
⎥
⎥
⎦

; B = [0;Ts=Iz]T; 

ue = ΔMz; Ts is the sampling time; ΔMz is the total additional yaw 
moment; k is the kth discrete sampling point.

Sliding mode control drives the controlled system onto a predefined 
sliding surface and constrains its motion along it [33]. Compared with 
the NMPC and adaptive control approaches, SMC exhibits strong 
robustness to modeling uncertainties and external disturbances. Its low 
computational burden also satisfies the real-time requirements of chassis 
control. For these reasons, SMC is adopted as the feedback control 
method here. However, SMC has two main limitations. First, conven
tional SMC suppresses uncertainties and disturbances through 
high-frequency switching, resulting in chattering near the sliding sur
face. Second, the control performance largely depends on the initial 
state. When the initial state is far from the sliding surface, the system 
converges very slowly, leading to poor control performance. To address 
these issues, a saturation function is introduced to mitigate the chat
tering phenomenon. Moreover, a hybrid feedforward scheme is designed 
to enhance the vehicle's response to the driver's inputs, reducing the 
initial deviation from the sliding surface.

Based on the tracking errors of the yaw rate and sideslip angle, the 
sliding mode surface is designed as 

s(k) = c*(ωre(k) ) + d*(βe(k) )
s(k + 1) = c*(ωre(k + 1) ) + d*(βe(k + 1) ) (29) 

where s is the sliding surface; c is the weight for the yaw rate tracking 
error; d is the weight for the sideslip angle tracking error.

Substituting the state error equation into the sliding mode surface, 
we get 

s(k + 1) = c
akf − bkr

Iz
Tsβe(k)

+c
(

a2kf + b2kr

Izvx
Ts + 1

)

ωre(k)

+c
Ts

Iz
ue(k) + d

(
kf + kr

mvx
Ts + 1

)

β(k)

+d
(

akf − bkr

mv2
x

− 1
)

Tsωre(k)

(30) 

The approaching rate of the designed sliding mode controller is 

s(k + 1) = − ϵTssat(s(k) ) + (1 − λTs)s(k) (31) 

where ϵ and λ are the parameters of the sliding mode approaching rate.
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To prevent controller chattering, a saturation function is used to 
achieve smooth switching near the sliding mode surface, which is given 
by 

sat(s(k) ) =

⎧
⎪⎪⎨

⎪⎪⎩

1
s(k)=Φ
− 1

s(k) > Φ

|s(k) | ≤ Φ

s(k) < − Φ

(32) 

where Φ is the transition zone of the sliding mode surface, which is set to 
0.01.

The sliding mode control law is derived as 

ΔMz = − c
Iz

Ts

akf − bkr

Iz
Tsβe(k) − c

Iz

Ts

(
a2kf + b2kr

Izvx
Ts + 1

)

ωre

− d
Iz

Ts

(
kf + kr

mvx
Ts + 1

)

βe(k) − d
Iz

Ts

(
akf − bkr

mv2
x

− 1
)

Tsωre

−
Iz

Ts
(ϵTssat(s(k) ) + (1 − λTs)s(k) )

(33) 

3.2.3. Proof of system stability
From the feedforward control calculation Equation (23), it is evident 

that the driver's input determines the feedforward control. In contrast, 
the feedback control ensures vehicle stability by tracking the desired 
motion state. Consequently, the feedforward control have little influ
ence on the overall system stability. This study focuses on proving the 
stability of the closed-loop error feedback system using the Lyapunov's 
direct method. The Lyapunov function is defined as 

V(k) =
1
2
s2(k) (34) 

The increment of the Lyapunov function is 

ΔV = V(k + 1) − V(k) =
1
2

s2(k + 1) −
1
2
s2(k) (35) 

Substituting it into ΔV gives 

ΔV =
1
2
[(1 − λTs)s(k) − ϵTssat(s(k) ) ]2 −

1
2

s(k)s(k) (36) 

[(1 − λTs)s(k) ]2 = (1 − λTs)
2s(k)s(k) (37) 

2(1 − λTs)s(k)ϵTssat(s(k) ) ≤ 2ϵTs(1 − λTs)‖s(k) ‖ (38) 

where ‖s(k) ‖ is the norm of s(k).
Substituting it into the system increment, we get 

ΔV =
1
2
[
(1 − λTs)

2s(k)s(k) + ϵ2T2
s

]
− ϵTs(1 − λTs)‖s(k) ‖ −

1
2

s(k)s(k)

=
1
2
[(

− 2λTs + λ2T2
s

)
s2(k) + ϵ2T2

s

]
− ϵTs(1 − λTs)‖s(k) ‖

(39) 

In this study, the control parameters are defined as λ = 10 and 
ϵ = 0.35. It can be calculated that when |s(k) | > 1:8*10− 3, ΔV < 0, 
indicating that the closed-loop error system is asymptotically stable. To 
further determine its stability, a finite-time convergence analysis is 
conducted.

Expanding the sliding mode dynamic equation, we get 

|s(k + 1) | = |(1 − λTs)s(k) − ϵTssat(s(k) ) |
≤ (1 − λTs)|s(k) | − ϵTs

(40) 

To ensure |s(k + 1) | < |s(k) |, it must satisfy |s(k) | > ϵTs=(λTs) = ϵ= λ. 
Therefore, when |s(k) | > ϵ=λ = 0:035, the sliding mode variable s(k)
gradually decreases and eventually enters the boundary layer. When 
|s(k) | ≤ ϵ=λ = 0:035, the dynamic equation approaches |s(k + 1) | =
| − ϵTssat(s(k) ) |, and s(k) converges to zero.

The closed-loop system can reach the boundary layer in finite time 
and ultimately converge to zero. Therefore, the closed-loop error feed
back system is asymptotically stable.

3.3. The proposed coordinated strategy for four-wheel steering and four- 
wheel driving based on tire slip state assessment

The FWS, RWS, and 4WD actuation systems can independently track 
the driver's desired motion state. However, the control effectiveness of 
each actuation system varies depending on vehicle state. To fully exploit 
the control performance of each actuation system and to enhance the 
vehicle stability under extreme conditions, a coordination scheme for 
four-wheel steering angles and four-wheel driving torques is developed 
based on tire slip state assessment. The total required additional yaw 
moment is generated by coordinating the three actuation systems. The 
total additional yaw moment is given by 

ΔMz =

⎧
⎪⎪⎨

⎪⎪⎩

− akfδFWS

bkrδRWS

ΔM4WD

FWS controller

RWS controller

4WD controller

(41) 

where δFWS is the front-wheel steering angles; δRWS is the rear-wheel 
steering angle; ΔM4WD is the additional yaw moment generated by the 
four-wheel driving torques.

3.3.1. Lateral tire force calculation
During vehicle motion, the movement can be decomposed into two 

components: the circular motion around the steering center and the 
rotational motion around CoG. Thus, the lateral acceleration of a single 
axle is given by [29] 

ayf = ay + a _ωr
ayr = ay − b _ωr

(42) 

where ayf and ayr are the steering angles of the front and rear axles; ay is 
the vehicle lateral acceleration.

Considering the effects of longitudinal and lateral accelerations, the 
vertical loads at the four wheels are calculated by 

Fzfl =
m

(a + b)

(

0:5gb − 0:5axhg −
b
lw

ayhg

)

Fzfr =
m

(a + b)

(

0:5gb − 0:5axhg +
b
lw

ayhg

)

Fzrl =
m

(a + b)

(

0:5ga + 0:5axhg −
a
lw

ayhg

)

Fzrr =
m

(a + b)

(

0:5ga + 0:5axhg +
a
lw

ayhg

)

(43) 

where ax is the vehicle longitudinal acceleration; hg is the height of CoG; 
lw is the track width.

Based on the vertical loads of the four wheels, the equivalent load 
mass for each wheel is obtained as [34] 

mfl = Fzfl
/

g
mfr = Fzfr

/
g

mrl = Fzrl=g
mrr = Fzrr=g

(44) 

where f and r are the front and rear axles; l and r are the wheels on the 
left and right sides.

Therefore, the lateral force of each wheel can be obtained as 

Fyfl = mflayf
Fyfr = mfrayf
Fyrl = mrlayr
Fyrr = mrrayr

(45) 

To validate the effectiveness of the proposed tire lateral force 
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calculation method, two test scenarios were set up, including the 
steering angle step input and the double lane change maneuver. In these 
test scenarios, the Magic Formula tire model and the actual tire forces 
from CarSim (used as the actual tire forces) are compared. In the steering 
angle step input maneuver, the steering angle is set to 3◦. The vehicle 
speed is 90 km/h, and the road adhesion coefficient is 0.85. For the 
double lane change maneuver, the vehicle speed is 90 km/h and the road 
adhesion coefficient is 0.85.

The simulation results in Fig. 5a indicate that when the steering 
angle is zero, a certain deviation exists between the lateral force ob
tained under the proposed method and the actual tire force from CarSim. 
This is because the proposed acceleration-based lateral force calculation 
method cannot capture the tire forces generated by the vehicle's struc
tural characteristics, originating from the kingpin inclination and 
camber angle. During the steering process, the proposed acceleration- 
based lateral force calculation method exhibits a delay compared to 
that obtained from the Magic Formula model, while its delay relative to 
the actual tire force from CarSim is relatively small and can be neglec
ted. This can be ascribed to that the acceleration-based method calcu
lates the tire forces from the vehicle dynamic response, which inherently 
accounts for the dynamic lags of the tire and vehicle systems. In contrast, 
the Magic Formula model is a purely static model that excludes the 
dynamic buildup process of the tire lateral force. As shown in Fig. 5b, 
when the vehicle operates under extreme conditions, the lateral force 
calculated from the Magic Formula model exhibits significant deviation 
from the actual tire lateral force. In contrast, the proposed acceleration- 
based method can accurately capture the tire lateral force.

In a nutshell, the Magic Formula model provides a fast response in 
estimating tire lateral force, but its accuracy is limited under extreme 
conditions. The proposed acceleration-based lateral force calculation 
method can accurately describe the actual force state of the vehicle with 
higher accuracy and shows better consistency and engineering appli
cability under extreme conditions.

3.3.2. Interval division of the tire slip characteristics
To evaluate the slip state of each tire, the Magic Formula model is 

introduced as [35] 

Fy0(α) =
tan α

̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅

s2
tire + (tan α)2

√ Dysin
[
Cyarctan

(
Byα − Ey

(
Byα − arctan

(
Byα

) ) ) ]

(46) 

where stire is the tire slip ratio; α is the tire slip angle; By, Cy and Ey are 
less affected by the vertical load and road adhesion coefficient, which is 
set as By = 7.098, Cy = 2.216, and Ey = 1.009. The tire peak adhesion 
coefficient Dy is significantly affected by the vertical load, which is given 
by 

Dy = a0F2
zij + a1Fzij (47) 

where a0 and a1 are the fitting parameters of the vertical load, obtained 
by fitting the tire lateral force data under different vertical loads, and the 
basic road adhesion coefficients are a0 = − 9.742 and a1 = 1056.

Considering the influence of the road adhesion coefficient, the tire 
force under different adhesion coefficients is given by 

Fy = μFy0(α=μ) (48) 

Tire force characteristics under varying road adhesion coefficients 
are obtained from the tire testing data generated in CarSim. As shown in 
Fig. 6, at small slip angles, the lateral force exhibits a linear relationship 
with the slip angle, indicating that the tire can generate sufficient lateral 
force to meet the driver intentions. As the slip angle increases, this 
relationship becomes nonlinear until the tire reaches saturation. Beyond 
this point, the lateral force alone is insufficient to accurately track the 
desired vehicle motion. To address this limitation, the tire slip state is 
divided into three distinct zones: linear, nonlinear, and saturation.

To accurately delineate the linear and nonlinear regions of tire, this 
study introduces the concept of a tire linear zone threshold, defined as 
the ratio of the slope at the boundary point between the linear and 
nonlinear zones to the slope at the origin of the tire slip curve. Based on 
this definition, the sensitivity of vehicle dynamic responses to variations 
is analyzed across different vehicle speeds and road adhesion co
efficients. The corresponding simulation results are presented in Fig. 7.

As shown in Fig. 7a and b, when vehicle speed exceeds 45 km/h 
under low-adhesion conditions, the influence of the tire linear zone 
threshold on vehicle dynamics increases sharply. If the threshold is set 
too low, control is dominated by the steering system. Under such con
ditions, the steering-controlled tires are prone to saturation, hindering 
the fulfillment of control objectives. Conversely, if the threshold is set 
too high, control relies primarily on the driving torque. This reliance 
increases the likelihood of tire slip, thereby degrading vehicle stability. 
These findings underscore the necessity of coordinating steering angles 
and driving torques to fully exploit the available tire forces.

Fig. 5. The results of tire force calculation using different methods: (a) steering angle step input maneuver; (b) double lane change maneuver.

Fig. 6. The graph of tire slip characteristics varying with the road adhe
sion coefficient.
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The results presented in Fig. 7c–f indicate that, under medium- and 
high-adhesion conditions, the sensitivity of vehicle dynamics to the tire 
linear zone threshold diminishes as the available tire force increases. For 
a road adhesion coefficient of 0.6, the threshold influences vehicle 
behavior only when the vehicle speed exceeds 80 km/h. In contrast, on a 
high-adhesion road (μ), vehicle dynamics exhibit limited sensitivity to 
the threshold and are predominantly governed by vehicle speed.

The results presented in Fig. 7c–f indicate that, under medium- and 
high-adhesion conditions, the sensitivity of vehicle dynamics to the tire 
linear zone threshold diminishes as the available tire force increases. For 
a road adhesion coefficient of 0.6, the threshold influences vehicle 
behavior only when the speed exceeds 80 km/h. In contrast, on a high- 
adhesion road (μ), vehicle dynamics exhibit limited sensitivity to the 
threshold and are predominantly governed by vehicle speed. Overall, 
the simulation results reveal a clear trend: as vehicle speed increases and 
road adhesion decreases, vehicle dynamics become more sensitive to the 
selection of the tire linear zone threshold. Based on the comprehensive 
analysis across various road adhesion levels and vehicle speeds, this 
study adopts a threshold value of 0.8, corresponding to a reduction of 
20% in cornering stiffness relative to the strict linear region. Specif
ically, for a tire model with μ=1.0, the tire is assumed to work in the 
strict linear zone when the slip angle is below 1◦. If the slope of the 
lateral force versus slip angle decreases by less than 20% compared with 
that in the strict linear zone, the tire remains in the linear zone. Once the 
slope reduction exceeds 20%, the tire transitions to the nonlinear zone. 
Finally, when the slip angle surpasses the value associated with the peak 
lateral force, the tire enters the saturation zone. The boundaries between 
these zones are primarily dictated by the road adhesion coefficient, and 
the specific slip angles defining these transitions are summarized in 
Table .1.

3.3.3. The coordinated control strategy
A coordinated control strategy for four-wheel steering and four- 

wheel drive is developed based on tire slip state assessment. The 
computational procedure comprises the following steps: 

Step 1: Calculate the lateral forces at interval intersection 
points: Determine the lateral forces at the boundaries of slip in
tervals using the tire slip ratio, vertical load, and road adhesion 
coefficient.
Step 2: Calculate the tire lateral forces: Compute the lateral forces 
of all four wheels according to Equation (45).
Step 3: Design the single-wheel control weight: Assign control 
weights to individual driving torques based on the deviation between 
each tire's lateral force and the slip-interval boundaries, which is 
given by

η4WD_ij =

(

tanh
(

Fy(α) − Fy(α1)

Fy(α2) − Fy(α1)

)

+ 1
)/

2 (49) 

where α1 is the intersection between the linear and nonlinear zones; α2 is 
the intersection between the nonlinear and saturation zones. 

Step 4: Calculate the torque control weight: The final torque 
control weight is determined as the minimum among the control 
weights of the four wheels, which is given by

η4WD1 = min(η4WD_ij) (50) 

It is important to note that, according to the tire adhesion ellipse 
theory, a lower road adhesion coefficient reduces the total available tire 
force, thereby diminishing the potential additional yaw moment 
generated by longitudinal tire forces. To compensate for this limitation, 
the road adhesion coefficient is employed to constrain the distribution 
weights of both the steering angle and driving torque. The distribution 
weight of the driving torque is adjusted by 

η4WD = min(η4WD1; μ) (51) 

Building on this foundation and accounting for the vehicle's steering 
characteristics, the control weights for the front- and rear-wheel steering 
angles are formulated as [9] 

Fig. 7. The graph of vehicle performance variation with the tire linear zone threshold: (a) sideslip angle (μ=0.35); (b) yaw rate error (μ=0.35); (c) sideslip angle 
(μ=0.6); (d)yaw rate error (μ=0.6); (e) sideslip angle(μ=0.85); (f) yaw rate error (μ=0.85).

Table 1 
The intersection points of slip characteristic intervals.

Road adhesion coefficient 0.2 0.4 0.6 0.8 1.0

Intersection of linear and nonlinear zones 
α1

0.45 0.80 1.15 1.50 1.90

Intersection of nonlinear and saturation 
zones α2

1.85 3.70 5.60 7.45 9.30
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ηFWS = (1 − η4WD)(tanh(ωre*δsw=2) + 1 )=2 (52) 

ηRWS = 1 − η4WD − ηFWS (53) 

where ηFWS is the front-wheel steering angle control weight; ηRWS is the 
rear-wheel steering angle control weight.

3.3.4. Longitudinal force control
To ensure accurate tracking of the driver's desired speed, the target 

longitudinal acceleration is extracted directly from CarSim. Subse
quently, the total required longitudinal force is computed by 

Fx = max_req (54) 

where ax_req is the driver's desired longitudinal acceleration.

3.3.5. Optimization of four-wheel driving torque distribution
In the lower-level torque distribution module, the total longitudinal 

force and additional yaw moment requested by the upper-level 
controller serve as the tracking targets. To mitigate wheel slip or spin, 
the slip ratios of the four wheels are incorporated into the cost function. 
Furthermore, the maximum motor torque and road adhesion limits are 
imposed as hard constraints to formulate the optimization problem for 
distributing longitudinal forces among four wheels. The resulting opti
mization formulation is given as 

min J = W1(v − Bdux) + W2ux

s:t:
− Tmax

Rtire
≤ Fx_ij ≤

Tmax

Rtire

− μFz_ij ≤ Fx_ij ≤ − μFz_ij

(55) 

Fig. 9. The external characteristics of the in-wheel motor.

Table 3 
Distribution characteristics of the measurement noise.

Signal Mean Variance

Sideslip angle (deg) 0 0.035
Yaw rate (deg/s) 0 0.37
Lateral acceleration (g) 0 0.022

Table 4 
The controller parameters.

Controller 
strategy

MPC Dyn Proposed 
method

Controller 
parameter

Q = diag(200;1800)
R = 0:12;Np = 20;Nc = 15

ΔMz_max = 5600;ΔMz_min = − 5600

c = 0:1; d = 1
ϵ = 0:35; λ = 10

Table 5 
Assessment indicators of the control performance.

Performance indicator Mathematical description

Path tracking error Jepath =
∫ tn

0 [(f(t) − y(t) )=Eth ]
2dt

Heading error Jβ =
∫ tn

0 [vx(t)β(t)=Bth ]
2dt

Lateral stability Jay =
∫ tn

0
[
ay(t)=ay_th

]2dt
Driver workload Jdrive =

∫ tn
0 [ _δsw(t)= _δsw_th ]

2dt
Yaw rate tracking error Jewr =

∫ tn
0
[(

ωr(t) − ωr_ref (t)
)
=ωr_th

]2dt

Table 6 
Threshold values of the assessment indexes.

Threshold Eth Bth _δsw_th ay_th ωr_th

Value 0.4 1.2 2 0.23 1

Fig. 8. The HIL platform.

Table 2 
Parameters of the vehicle model.

Parameter Value/unit Parameter Value/unit

m 1830 kg b 1.65 m
a 1.4 m B 1.6 m
hg 0.53 m kf − 127800 N/rad
Iz 3234 kg⋅m2 kr − 109200 N/rad
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where v = [Fx; ΔM4WD]
T is the tracking target; ux =

[
Fxfl; Fxfr; Fxrl; Fxrr

]T is the longitudinal force at each wheel; W1 =

[0:001;0:001] is the weighting coefficient vector for the tracking targets; 
W2 = [Ws;Ws;Ws;Ws] is the weighting coefficient for the longitudinal 
tire force. 

Bd =

[
1

Bd1

1

Bd2

1

Bd3

1

Bd4

]

(56) 

Bd1 = asinδf − 0:5lwsinδf
Bd2 = asinδf + 0:5lwsinδf
Bd3 = − bsinδr − 0:5lwsinδr
Bd4 = − bsinδr + 0:5lwsinδr

(57) 

Ws =

⎧
⎪⎪⎨

⎪⎪⎩

0:004stire + 0:0008

0:006stire − 0:0002

0:02stire − 0:0072

abs(stire) ≤ 0:2

0:2 < abs(stire) ≤ 0:5

abs(stire) > 0:5

(58) 

To facilitate code generation within Simulink, the active-set method 
is implemented to compute the required longitudinal tire forces. Sub
sequently, the driving torques for all four wheels are determined as 

Tij = Fx_ijRtire (59) 

4. Hardware-in-the-loop verification

Comprehensive hardware-in-the-loop (HIL) tests were conducted to 
evaluate the performance of the proposed control strategy under various 
driving maneuvers. As illustrated in Fig. 8, the HIL test platform com
prises two host PCs, a real-time personal computer (RTPC), and a 
CANape system. The primary host PC (PC-1) integrates a high-fidelity 
CarSim vehicle model with the LabCar environment to generate 
executable code, which is subsequently compiled and deployed to the 
RTPC. The RTPC simulates the vehicle dynamics and generates sensor 
signals. The secondary host PC (PC-2) serves as the controller, while the 
CANape system is utilized for CAN bus data acquisition and controller 
parameter calibration. The CAN bus operates at a bandwidth of 500 
kbps. The vehicle model in the RTPC runs with a sampling frequency of 
1 ms, whereas the communication cycle between PC-2 and the RTPC via 
the CAN bus is set to 10 ms.

The vehicle model employed in the HIL simulations is based on a 
standard CarSim template. Key vehicle parameters are summarized in 
Table 2. A first-order actuator dynamics model is integrated between the 
controller and the vehicle model to emulate real actuator behaviors. To 
reflect physical saturation limits, the front-wheel steering angle is con
strained to [− 30◦, 30◦], while the rear-wheel steering angle is limited to 
[− 6◦, 6◦]. Based on the existing steer-by-wire system, the response time 
from command receipt to steady-state output is approximately 200 ms 
[36]. The steering angle response of the steer-by-wire system is modeled 
as 

Fig. 10. The graph of vehicle performance variation with control parameter changes (a) sideslip angle with λ and ϵ (μ=0.35); (b) yaw rate error with λ and ϵ 
(μ=0.35); (c) sideslip angle with λ and ϵ (μ=0.85); (d) yaw rate error with λ and ϵ (μ=0.85); (e) sideslip angle with c and d (μ=0.35); (f) yaw rate error with c and 
d (μ=0.35); (g) sideslip angle with c and d (μ=0.85); (h) yaw rate error with c and d (μ=0.85).
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Gδ(s) =
δresp

δreq
=

2209
s2 + 77:08s + 2209

(60) 

where δresp is the actual response angle of the wheel; δreq is the steering 
angle signal received by the actuator.

Furthermore, the output torque of the in-wheel motor is constrained 
by its external torque-speed characteristics, as depicted in Fig. 9. To 
capture the dynamic response of the motor, it is modeled as a second- 
order system, whose transfer function is expressed as [37] 

GTd(s) =
Tresp

Treq
=

1
0:0000125s2 + 0:005s + 1

(61) 

where Tresp is the actual response torque of the motor; Treq is the torque 
signal received by the motor.

To emulate realistic vehicle state measurements, the zero-mean 
Gaussian white noise was superimposed on key state parameters, 
including the sideslip angle, yaw rate, and lateral acceleration. The 

statistical properties of the noises were derived by fitting empirical data 
acquired from in-vehicle sensors, as detailed in Table 3.

To comprehensively evaluate the performance of the proposed con
trol framework, three representative test maneuvers are established: the 
slalom, the high-speed double-lane-change, and the low-adhesion dou
ble-lane-change. The proposed scheme is benchmarked against two 
comparative strategies: (i) a state-of-the-art control algorithm inte
grating model predictive control (MPC) and particle swarm optimization 
(PSO) [38], and (ii) a driver intention interpretation method based on a 
steady-state dynamics model (Dyn) [9]. This comparative setup specif
ically highlights the effectiveness of the proposed driver intention 
interpretation method. The controller parameters are summarized in 
Table 4, where Q denotes the state weighting matrix, R the control 
weighting matrix, Np the prediction horizon, Nc the control horizon, and 
ΔMz_max and ΔMz_min the maximum and minimum allowable additional 
yaw moments.

To evaluate the overall performance of the proposed algorithm, five 
key metrics are adopted: path-tracking error, heading error, driver 
workload, lateral stability, and yaw-rate tracking error [39]. 
Path-tracking and heading errors quantify the trajectory-tracking per
formance, while the yaw-rate tracking error reflects the vehicle's ability 
to follow the driver intentions. The mathematical formulations of these 
evaluation indices are summarized in Tables 5 and 6 [9].

4.1. Parameter sensitivity analysis

To evaluate the sensitivity of the proposed control strategy to vari
ations in controller parameters, simulations were performed under two 
representative driving scenarios: a high-adhesion double-lane-change 

Fig. 11. The experimental results under the SLA maneuver: (a) rear wheel travel path; (b) steering wheel angle; (c) sideslip angle; (d) yaw rate; (e) yaw rate tracking 
error; (f) left-front wheel steering angle; (g) left-rear wheel steering angle; (h) front wheel driving torque; (i) the radar chart for comprehensive evaluation.

Table 7 
The control performance under the SLA maneuver.

Control strategy MPC Dyn Proposed method

Sideslip angle (deg) MAX 1.23 3.43 2.55
RMS 0.31 1.16 0.95

Yaw rate error (deg/s) MAX 16.78 11.82 10.67
RMS 4.34 3.54 3.54

Maximum yaw rate (deg/s) 23.52 19.67 19.85
Maximum lateral acceleration (g) 0.92 0.921 0.913
Maximum passing speed (km/h) 76 82 82
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maneuver with vx=90 km/h and μ=0.85, and a low-adhesion double- 
lane-change maneuver with vx=50 km/h and μ=0.35.

In sliding mode control, the linear feedback gain λ directly de
termines the convergence rate toward the sliding surface. Larger values 
of λ yield faster convergence; however, excessively large gains may 

induce oscillations in system response. The switching gain ϵ primarily 
governs the disturbance rejection capability near the sliding surface. 
Although increasing ϵ enhances robustness and accelerates the switch
ing process, overly high values can lead to excessive chattering. As 
shown in Fig. 10a-10b, under low-adhesion conditions, tire forces 
approach saturation, thereby limiting control redundancy. Conse
quently, even small variations in control parameters can trigger abrupt 
changes in vehicle behavior. Moreover, control performance exhibits 
greater sensitivity to changes in the linear feedback gain than to the 
switching gain. In contrast, Figs. 10c–d demonstrate that under high- 
adhesion conditions, the vehicle sideslip angle and yaw rate errors 
fluctuate only slightly within a certain range of λ and ϵ, indicating a 
broader optimal parameter region. This can be attributed to the higher 
force margin and parameter tolerance provided by tires on high- 
adhesion road surfaces. However, once the parameters exceed critical 
thresholds, the control accuracy deteriorates markedly, accompanied by 
sharp increases in both the sideslip angle and yaw rate errors.

Based on the sliding surface formulation, the weighting coefficients 
for the vehicle sideslip angle and yaw rate errors directly influence their 
contributions to the sliding mode dynamics. As illustrated in 10e-10h, 
the weighting coefficient for the yaw rate error has a more pro
nounced effect on vehicle motion, as the yaw rate error directly impacts 
the vehicle's ability to track the driver's commands. Furthermore, 
although the sensitivity to these parameters varies under high- and low- 
adhesion conditions, a suitable range exists to ensure satisfactory per
formance in both scenarios.

Fig. 12. The experimental results under the HDLC maneuver: (a) rear wheel travel path; (b) steering wheel angle; (c) sideslip angle; (d) yaw rate; (e) yaw rate 
tracking error; (f) left-front wheel steering angle; (g) left-rear wheel steering angle; (h) front-wheel driving torque; (i) the radar chart for comprehensive evaluation.

Table 8 
The control performance under the HDLC maneuver.

Control strategy MPC Dyn Proposed method

Sideslip angle (deg) MAX 4.54 2.31 2.23
RMS 1.05 0.64 0.64

Yaw rate error (deg/s) MAX 23.82 7.63 8.45
RMS 4.93 2.02 2.12

Maximum yaw rate (deg/s) 20.83 18.44 19.93
Maximum lateral acceleration (g) 0.941 0.997 1.01
Maximum passing speed (km/h) 92 116 120

Table 9 
The control performance under the LDLC maneuver.

Control strategy MPC Dyn Proposed method

Sideslip angle (deg) MAX 29.45 7.07 1.73
RMS 9.31 2.13 0.53

Yaw rate error (deg/s) MAX 39.82 13.25 9.72
RMS 12.02 3.75 1.62

Maximum yaw rate (deg/s) 44.66 14.83 15.61
Maximum lateral acceleration (g) 0.467 0.502 0.497
Maximum passing speed (km/h) 45 51 51
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4.2. Slalom maneuver

A slalom maneuver was conducted to evaluate the control perfor
mance of the proposed algorithm. The vehicle speed is maintained at 
75 km/h, the driver preview time is 0.65 s, and the road adhesion co
efficient μ is set to 0.85 [40]. The test results are presented in Fig. 11.

As demonstrated in Table 7, the proposed algorithm significantly 
outperforms the MPC control algorithm. Specifically, it reduces the 
yaw rate tracking error from 16.78◦/s to 10.67◦/s, thereby achieving 
better alignment with the driver's intentions. Additionally, the 
maximum yaw rate decreases from 23.52◦/s to 19.85◦/s, indicating 
improved yaw stability. The maximum passing speed also increases 
from 76 km/h to 82 km/h, reflecting enhanced vehicle maneuver
ability. Fig. 11f–h shows that the proposed algorithm primarily gov
erns the steering control, with the front and rear wheel steering angles 
remaining similar. This indicates the activation of the oblique steering 
compensation module that leads to a larger vehicle sideslip angle. In 
contrast, the conventional MPC control algorithm primarily regulates 
four-wheel driving torques, resulting in a smaller sideslip angle but a 
larger yaw rate. Furthermore, Fig. 11a illustrates that the proposed 
algorithm achieves a smaller lateral offset of the rear wheels compared 
with the conventional MPC algorithm, demonstrating improved 
mobility. Finally, Fig. 11i highlights that the proposed algorithm, 
when combined with the kinematics-based driver intention interpre
tation method, outperforms the MPC control method in terms of 
driving workload reduction, driver intention tracking, and lateral 
stability maintenance.

4.3. High-speed double lane-change maneuver

A high-speed double lane-change maneuver was conducted to eval
uate the effectiveness of the proposed algorithm under high-speed 
emergency obstacle avoidance scenarios. The vehicle speed is set to 
90 km/h, the road adhesion coefficient μ is 0.85, and the driver preview 
time is 0.5 s. The simulation results are presented in Fig. 12.

As demonstrated in Table 8, the proposed algorithm significantly 
reduces the maximum yaw rate tracking error from 23.82◦/s to 8.45◦/s, 
indicating improved driver intention tracking capability. Additionally, 
the lateral acceleration increases from 0.941 g to 1.01 g, and the 
maximum passing speed rises from 92 km/h to 120 km/h, highlighting 
the algorithm's strong control performance in high-speed emergency 
obstacle avoidance scenarios. It is worth noting that both the proposed 
algorithm and the driver intention interpretation method based on the 
dynamic model exhibit superior control performance. As illustrated in 
Fig. Fig. 12a, when the vehicle travels approximately 150 m (at 6 s), the 
proposed algorithm rapidly adjusts the vehicle motion state and enables 
accurate tracking of the preview trajectory. This is achieved through the 
coordinated control of the front- and rear-wheel steering angles and 
four-wheel driving torques. In contrast, the MPC method fails to achieve 
coordinated steering control due to excessive steering wheel input from 
the driver. As a result, it relies solely on four-wheel driving torques, 
which significantly restricts vehicle maneuverability. Finally, as shown 
in Fig. 12i, the proposed algorithm outperforms the MPC control method 
in terms of driving intention tracking, lateral stability maintenance, 
preview trajectory tracking, and driving workload reduction. These 

Fig. 13. The experimental results under the LDLC maneuver: (a) rear wheel travel path; (b) steering wheel angle; (c) sideslip angle; (d) yaw rate; (e) yaw rate 
tracking error; (f) left-front wheel steering angle; (g) left-rear wheel steering angle; (h) front wheel driving torque; (i) the radar chart for comprehensive evaluation.
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results are consistent with those obtained using the dynamic model- 
based driver intention interpretation method (see Table 9).

4.4. Low-adhesion double lane-change maneuver

A low-adhesion double lane-change maneuver was also carried out to 
validate the control performance of the proposed algorithm under 
emergency obstacle avoidance scenarios with low road adhesion. The 
vehicle's travel path is depicted in Fig. 13a, with a speed of 50 km/h and 
a road adhesion coefficient of 0.35. The driver preview time is set to 
0.5 s. The simulation results are shown in Fig. 13.

As illustrated in Fig. 13a, the vehicle under the MPC control strategy 
experiences severe tire slippage and fails to complete the maneuver. In 
contrast, the other two control strategies successfully complete the 
maneuver. According to Table 7, the proposed control strategy increases 
the maximum achievable passing speed from 45 km/h to 51 km/h, 
outperforming the MPC control strategy. Furthermore, compared with 
the dynamic interpretation method, the proposed driver intention 
interpretation method significantly reduces the sideslip angle from 7.07◦

to 1.73◦, thereby substantially enhancing vehicle stability. As shown in 
Fig. 13d, at approximately 7 s, the dynamic driver interpretation mode 
rapidly reduces the vehicle yaw rate, whereas the proposed algorithm 
maintains the yaw rate near its maximum value. This improves vehicle 
stability and reduces steering wheel input. Finally, Fig. 13i demonstrates 
that the proposed algorithm outperforms the driver intention interpre
tation method based on the dynamic model in terms of preview 

trajectory tracking, driving workload reduction, and driving intention 
tracking.

4.5. Robust analysis

To evaluate the robustness of the proposed algorithm, simulations 
were conducted considering uncertainties in both vehicle mass and road 
adhesion. The vehicle mass was varied within the range of 
1430–2230 kg, while the road adhesion coefficient ranged from 0.05 to 
1. The test scenarios were consistent with those adopted in the sensi
tivity analysis.

As shown in Fig. 14, under high-adhesion conditions, when the 
estimated road adhesion coefficient is close to its actual value (i.e., with 
an estimation error within the range of [− 0.05, 0.15]), the maximum 
sideslip angle and yaw rate errors remain relatively small (3◦ for the 
sideslip angle and 13◦/s for the yaw rate), indicating strong robustness 
of the proposed algorithm. As the estimation error increases, both 
tracking errors increase significantly. In contrast, vehicle performance 
exhibits only minor fluctuations in response to variations in vehicle 
mass. These results demonstrate that the proposed algorithm is highly 
robust to mass uncertainty and can maintain robustness against road 
adhesion coefficient estimation error within a certain range. Further
more, comparison between high- and low-adhesion scenarios indicates 
that the algorithm requires higher estimation accuracy of the road 
adhesion coefficient under low-adhesion conditions.

Fig. 14. The robustness analysis results: (a) maximum sideslip angle (μ=0.35); (b) maximum yaw rate error (μ=0.35); (c) maximum sideslip angle (μ=0.85); (d) 
maximum yaw rate error (μ=0.85); (e) maximum sideslip angle under different speeds; (f) maximum yaw rate error under different speeds; (g) acceptable road 
adhesion coefficient estimation error based on the sideslip angle threshold; (h) acceptable road adhesion coefficient estimation error based on the yaw rate 
error threshold.
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To further evaluate the robustness of the proposed control algorithm 
with respect to the accuracy of road adhesion estimation, a stability 
margin analysis was conducted over a range of vehicle speeds and road 
adhesion levels. The simulations considered vehicle speeds ranging from 
30 km/h to 130 km/h. Performance thresholds were defined as 2◦ for the 
sideslip angle and 10◦/s for the yaw rate error. To clearly illustrate the 
admissible range of estimation errors under acceptable performance 
conditions, the upper and lower bounds of the road adhesion coefficient 
estimation error are presented in a single figure.

As shown in Fig. 14e–h, vehicle speed has a significant impact on the 
tolerance to road adhesion coefficient estimation error. As vehicle speed 
increases, the admissible range of estimation error decreases markedly. 
At lower speeds, both the upper and lower bounds of the acceptable 
estimation error increase as the road adhesion coefficient decreases, 
resulting in a narrower allowable error range. Under high-speed ma
neuvers, this range shrinks sharply, further highlighting the increased 
sensitivity to estimation error under low-adhesion conditions. Overall, 
the proposed algorithm demonstrates strong robustness to road adhe
sion coefficient estimation error under low-speed, high-adhesion con
ditions; however, it requires higher estimation accuracy under high- 
speed, low-adhesion conditions.

5. Conclusion

This paper presents a global coordinated control framework for four- 
wheel steering and four-wheel drive systems based on tire slip state 
estimation. First, a hybrid feedforward control strategy comprising 
steady-state control, dynamic compensation, and oblique steering 
compensation is proposed to enhance vehicle mobility under normal 
driving conditions and stability under extreme conditions. Subse
quently, a driver intention interpretation method that integrates con
ventional and oblique steering is introduced to alleviate driver 
workload. Simultaneously, a sliding mode control algorithm is 
employed to track the desired vehicle motion state. Furthermore, a co
ordination strategy for four-wheel steering angles and driving torques is 
developed based on tire slip state estimation. Finally, the proposed 
framework is validated through comprehensive driving scenarios using 
a hardware-in-the-loop test setup. Experimental results demonstrate 
that the proposed scheme increases the maximum achievable speed from 
76 km/h to 82 km/h in the slalom maneuver and from 92 km/h to 
120 km/h in the high-speed double-lane-change maneuver, thereby 
significantly enhancing handling performance.
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